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This study aimed to determine the wear intensity of the bearing mating with the ball stud in the tie rod end. The course of the vehicle driving 
during the period between repairs of the steering assembly was assumed. The modelled scheme of cornering was assumed to be close to 
the real one. The model of steering mechanism allowing determination of the load of the stud of the tie rod end as a function of the steering 
angle was elaborated and presented. The model of the ball stud was realized and described. The values of wear intensity for components were 
calculated and presented.
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Highlights
•	 Wear of the steel ball end of a stud was much lower than that of its polyoxymethylene (POM) bearing in the case of the tie rod 

end.
•	 For the POM bearing of the stud, the wear intensity factor k was equal to 1.38·10–19 m4·N–2 and corresponded to the linear wear 

intensity Ih equal to 5.9·10–9. 
•	 The linear wear intensity Ih for the POM bearing can vary in a wide range depending on the contact pressure, sliding speed, 

temperature, humidity, and the operating and lubricating conditions for the tie rod end assembly.
•	 The averaged values of contact pressure between the steel ball end and its POM bearing almost linearly increased with the 

force F loading the steering tie rod for values of such a force below 500 N.

0  INTRODUCTION

A vehicle suspension is defined as a group of elastic 
elements and rods connecting the axes or the individual 
wheels of a car with a frame or directly with a vehicle 
body. The purpose of suspension is to diminish shocks 
coming from road unevenness, assuring maximum 
comfort and protection of transported objects against 
shocks and harmful vibrations. Securing the vehicle 
from too strong shocks also has a significant influence 
on the durability of various mechanisms. One of the 
main components of the vehicle suspension is a tie rod 
end. The task of the tie rod end is to enable the wheels 
to turn while maintaining the vehicle in the straight 
line.

Mondragon-Parra et al. [1] asserted that the 
driveline and chassis components account for about 2 
% of the total mechanical losses in passenger vehicles.

The repair methods for various components of 
the suspension system, including tie rods ends, were 
discussed in [2]. 

Chavan and Patnaik [3] stated that the tie rod 
may fail due to varying forces and bumping of vehicle 
during steering. The forces from the steering are also 
crucial during the static condition of the vehicle. 
Excessive vibration and buckling of tie rod may lead 
to structural failure. The authors assessed buckling 
strength and compared the buckling performance of 
tie rods for different materials. Using finite element 

models of the tie rod, they obtained stiffness and stress 
distributions in each component of the tie rod.

Falah et al. [4] described the vehicle tie rod as 
tangentially loaded because of the vertical, lateral, 
and horizontal forces acting on the suspension system 
when the vehicle operates in long-term conditions. 
The tie rod material does not exceed the elastic limit, 
and these varying loading effects directly influence 
the performance of the car linkages like the tie rods. 
Many conventional vehicles operate with a steering 
system known as rack and pinion, which incorporates 
tie rods.

Guiggiani [5] stated that the tie rods are slender 
structural elements that can be used as tie-carrying 
tensile loads. Tie rods are part of the steering 
mechanism, which operates under both tensile and 
compressive stress. The ratio of a typical tie rod length 
in the cross-section is very large, and it could buckle 
under the influence of compressive load.

Manik et al. [6] concluded that the working 
strength of a tie rod is the product of the allowable 
working stress and the minimum cross-sectional area. 
Each end of a steering rack is joined to the tie rod. 
The pinion rotates over the slotted rack. Its function 
is pushing and pulling the front wheels as the steering 
turns either to the left or the right side of the car. 
The presented results showed that the distribution 
of deformation and stress does not exceed the yield 
strength value and that there are neither damages nor 
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failure of the tie rod. However, the correctness and 
accuracy of calculations results are dependent on 
selected modelling parameters.

Kim et al. [7] wrote about forging aluminium 
alloy tie rod ends for the vehicle steering systems. In 
the casting experiment, the effects of additives, Ti, B, 
Zr, Sr, and Mg, improve the mechanical properties. 
Finite element analysis was performed to define 
an optimal configuration of the cast preform. It was 
observed that the highest hardness was obtained for 
added 0.2 % Mg. They used the finite element model 
to determine an optimal configuration of the cast 
preform.

Essienubong et al. [8] determined that vehicle tie 
rod should resist the vertical, lateral, and horizontal 
forces acting on the suspension system when the 
vehicle operates in long-term conditions. The tie 
rod material does not exceed the elastic limit. The 
tie rod can be made of nickel alloys, titanium alloy, 
aluminium alloy, and low alloy steel. The tie rod 
requires a high value of modulus of elasticity for 
stiffness, high fracture toughness, and resistance 
against wear and fatigue.

Aravindaraj et al. [9] reported that a tractor 
connecting tie rod failed due to the overload 
applications.

Natrayan et al. [10] studied old tie rod design and 
materials applied in agriculture and then analysed a 
modified design with various stresses and deformation 
characteristics under critical loading conditions using 
ANSYS software.

Also, Ozsoy and Pehlivan [11] conducted the 
structural analysis of a tie rod end part for a van-
type vehicle using the finite element model of the 
body, the joint, and the bearing. The analyses for the 
joint assembly were carried out for various tie-end 
orientations. They studied the stress variations and 
deformation characteristics of each component for 
various operational loading conditions.

Patil et al. [12] numerically determined the natural 
frequency and the static stress of the tie rod end and 
the rod arm for a specific vehicle. They modelled the 
whole mechanism as a single part and found that it 
could operate safely.

Senniappan et al. [13] studied a steering tie 
rod arm of a heavy commercial vehicle. Through 
computer-aided engineering  (CAE) analysis, the 
authors predicted the life of the initial design proposal 
of the steering tie rod arm and compared it with the 
actual component test life.

Using the failure modes, effects, and criticality 
analysis (FMECA), Ćatić et al. [14] carried out 

a criticality analysis of failure modes of a light 
commercial vehicle’s steering tie rod joint elements.

Interestingly, using the material selection and the 
optimization technique, Park et al. [15] developed a 
lightweight outer tie rod for an electric vehicle. They 
utilized aluminium alloy Al6082M and improved 
the tie rod structural shape using metamodel-based 
optimization.

The tie rod end consists of a ball joint. During 
vehicle cornering, the wear of mating surfaces of 
the tie rod end components, such as the ball end of 
the cotter pin and its bearing, occurs. The wear in 
tribological pairs can be modelled using various 
models [16] to [19].

Zwierzycki [19] proposed a general model of wear 
in tribological pair, in which the volumetric wear rate 
wz is proportional to the contact area S, sliding velocity 
v and linear wear intensity wear intensity Ih. The latter 
is affected by two parameters: factor k and pressure 
exponent x. The latter varies usually in a range of  
<1, 2> [19] and [20]. Such two parameters are functions 
of material properties, geometrical characteristics 
of surfaces, etc. An experimental determination of 
these parameters is described in [21]. Some values 
of parameter k for various tribological contacts were 
given in [20] and [22].

The similar linear wear intensity wear intensity Ih 
with exponent x equal to 1 was utilized by Burdzik et 
al. [23] during studies on the tribological behaviour of 
contact between samples made of cast iron conducted 
on the pin-on-disc tribometer under dry conditions 
and under lubrication with engine oil.

The linear dependence of the linear wear intensity 
Ih on the average pressure to friction force was also 
reported in [24].

This article aims to obtain the volumetric wear of 
components for the tie rod end and the parameters of 
assumed wear model of them under specific history 
(conditions) of the cornering process. During analysis, 
different models of the tie rod end and steering 
mechanism were used.

The authors managed to estimate experimentally 
the value of the wear intensity factor k for the POM 
bearing of the stud, which has not been presented in 
the literature thus far. This factor corresponded to the 
linear wear intensity Ih, rarely used in the literature to 
quantify the wear process in the joints.

The effect of lubrication occurrence in contact 
zone on the load sharing between the one carried 
by direct contact of rough asperities and the one 
countered by hydrodynamic effect from the grease 
microclines between them. The effect of squeezing the 
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grease film on the pressure in the grease layer between 
the stud ball end and its bearing was also analysed.

1  TIE ROD END

The ball joint of the tie rod end is a movable connection 
enabling a rotationally oscillating movement of one 
of the connected components relative to the other. 
The instantaneous axis of the wheel rotation is 
strongly affected by the cotter pin axis. Additionally, 
it enables angular deflection and transmits shearing 
and longitudinal forces. Since the ball joints perform a 
rotationally oscillating movement, they are lubricated 
with different greases [25]. The main components of 
the tie rod end are presented in Fig. 1, inspired by [25], 
and [26].

Fig. 1.  Components of the tie rod end; 1 body, 2 lower cup, 3 
lower part of bearing, 4 lower ring, 5 dust boot and dust boot skirt, 

6 upper ring, 7 ball stud, 8 castle nut with cotter pin,  
inspired by [25], and [26]

2  THE FLOW CHART OF CALCULATIONS

The realization of this article’s main aim needs to 
assume a wear model in the contact zone between 
mating components of the tie rod end and to identify its 
parameters. This needs the knowledge of parameters 
influencing such wear, including sliding speed mating 
components of the tie rod end, their geometry, and 
loading at the distance for which such wear occurs.

The distance and sliding velocity are functions of 
the number and values of steering angles of vehicle 
wheels, and they depend on courses of vehicle velocity 
and millage resulted from the vehicle driving history. 
Because driving history has not been registered due 
to costs of the appropriate equipment, it can only be 
estimated, as described in Chapter 3.

The geometry of the contact zone between mating 
components, namely cotter pin and main POM bearing 
(Fig. 1), is the function of outer radius D1/2 of the ball 

of the cotter pin and inner radius D2/2 and shape of the 
main POM bearing. The geometry of the contact zone 
also depends on an applied force FL, so the necessary 
physical and mathematical model has been elaborated 
and described in a further chapter.

The load of the contact zone is a function of 
torques due to vertical, lateral, and tractive forces 
loading the wheels of the vehicle and kinematic 
relationships between components of the vehicle 
steering mechanism. Torques MV due vertical, ML due 
lateral and MT due tractive forces vary mainly with 
steering angle δf and average vehicle velocity vaver 
during turning. Kinematic relationships vary with 
steering angle δf. The load has been estimated using 
the model of vehicle cornering and the modelled 
trajectory of the cotter pin against the main POM 
bearing (Fig. 1).

The information obtained from calculations is 
complex and of a semi-iterative nature, particularly in 
the case of the determination of the lateral force FL. 
A simplified flow chart of calculations is presented in 
Table 1.

3  THE COURSE OF VEHICLE DRIVING

Hegedüs et al. [27] reported that the planning of proper 
road vehicle trajectories became a critical and complex 
issue due to the enhanced interest in the automation 
of road transportation. During such a planning, it is 
necessary to consider the nonholonomic dynamics 
of wheeled vehicles. Only nonlinear optimization-
based trajectory planners are able to reach valuable 
results, but at the expense of enhanced computational 
needs sometimes up to not acceptable levels. Such 
problems can be fully or only partly resolved using a 
hybrid approach based on artificial neural networks 
(ANNs). Similar problems can occur when recreating 
the trajectories of the movement of various cars that, 
for example, were involved in road incidents [28] and 
[29], during the preparation of trainers for drivers of 
special or high-speed vehicles or the elaboration of 
driving simulators [30] to [32].

Lefèvre et al. [33] reviewed various methods for 
motion prediction and risk assessment for intelligent 
vehicles. It was emphasized that the choice of a risk 
assessment method depended on the selected motion 
model.

According to [34], the trajectory of a vehicle 
strongly depends on the interactions between 
the vehicle, the driving behaviour, and the road 
environment. The knowledge of the relationship 
between the trajectory and road geometry facilitates 
the identification of high-risk driving behaviours. 
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Using the field driving experiments performed on a 
certain number of selected highways, Xu et al. [34] 
studied the trajectories passenger cars took on two-
lane mountain roads and determined the track patterns 
and their relevant risks.

The new area for studies on trajectory control 
relates to various mobile robots [35] and unmanned 
vehicles [36] to [40]. 

According to [35], the steering control of mobile 
robot trajectory can relate to a wide range of turning 
issues: from highway driving, with negligible turning 
for prolonged distances, up to steering for battlefield 
robots, requiring agile turning. The author reviewed 
different steering schemes that are used for robotic 
vehicles and battlefield robot vehicles. Skid steering 
and four-wheel steering were analysed.

Li et al. [41] explained that overtaking is a 
complex and challenging manoeuvre for road vehicles 
and the autonomous control of the vehicle during 
such a manoeuvre can enhance vehicle safety. Four-
wheel independent steering (4WIS) and four-wheel 
independent driving (4WID) for the autonomous 
electric vehicles provide redundant control, enabling 
better control.

Zheng and Yang [42] proposed a trajectory 
tracking strategy based on the hierarchical control 
method for the 4WIS/4WID electric vehicle with the 
independently controlled rotation angle and driving 
torque of each wheel.

In the present study, researchers attempted to 
recreate the trajectory of vehicle motion based on data 
obtained from an interview with the driver driving 

Table 1.  The simplified flowing chart of calculations

Input Input parameters Model Output parameters Output
START 1

1
Time history of jth vehicle turnings,  

when j=1,…, N
Driver decision model (course of driving) 

Chapter 4
vaver(  j), αmax(  j), R(  j) 2

Turning number j 3

2 vaver(  j), αmax(  j), R(  j) Cornering scheme Chapter 5 tu(  j), vb(  j) 4

Measured D1, ΔD1, D2, ΔD2 Wear calculation Chapter 8 Volumetric wear W1, W2 5

3 Turning number j
Wear distance calculation Chapter 8

Wear distance

l v j t jz b u
j

M

� �
�
� ( ) ( )
1

6
4 tu(  j), vb(  j)

Measured D1, D2

FEM model of the ball joint Chapter 8 Contact pressure p 7Assumed Material parameters E1, v1, E2, v2

9 Load of steering rod F

Assumed
FL0 = mv2

aver(  j)/R(  j),  
a0, a1, a2, a3, a4, a6, a7, a17

Magic Tire Formula Chapter 9 αf 0, αr0 8

Assumed Hc, Rc, hc·dc, m, ft, ρ, Cx , A, s, αc, λ, νc, g
Model of steering mechanisms

MV torque due vertical force, ML torque due 
lateral force, MT torque due tractive force 

Chapter 6

Load of steering rod F 9
Measured Fz

2 Turning speed vaver(  j)
10 Steering angle δf

13 Lateral force FL

8 αf 0 , αr0 
Steering angle calculation

Chapter 9
Steering angle δf 10Measured Vertical force Fz 

2 R(  j)
10 Steering angle δf

Model of cornering  vehicle Chapter 9 ω, β 11Assumed ar, af, tr, tf, Iz 
2 Turning speed vaver(  j)

11 β Slip angle iteration Chapter 9 αf , αr 12
Assumed a0, a1, a2, a3, a4, a6, a7, a17 Magic Tire Formula Chapter 9 Lateral force FL 13

12 αf , αr

5 Volumetric wear W1, W2

Volumetric wear model Chapter 8
Volumetric wear model 

parameter k1, k2 
14

6 Wear distance l v j t jz b u
j

M

� �
�
� ( ) ( )
1

7 Contact pressure p
9 Load of steering rod F

14 FINISH
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his car in a relatively repeatable manner on similar 
routes over a known time. In the analysis, the driver 
with his Ford Mondeo, who has driven each working 
day from his house to the job and returned from it, 
was considered. Doing so, he drives 60 km per day 
and 15,600 km per year. Additionally, about 5 to 6 
weekends per year he made longer journeys of 250 km 
to 300 km. This gives 1250 km to 1800 km per year. 
After six years the total millage was equal to 93,600 
+ (7,500 to 10,800) km. During this 93,600 km, the 
road distances were practically repeatable, and they 
were driven with an average speed 50±10 km/h. The 
route required the driver to make 20 major turns of 
about 90 deg. Their assumed radius was 20 m. This 
yielded 5500 such turns after six years. Additionally, 
he had to make about 30 smaller turns about 40 deg 
due to overtaking or bypassing other road users. 
Their assumed radius was 50 m. This yielded 8250 
such turns for 6 years. He had also to make small 
turns (100 to 500 depending on the seasons of the 
year – averaged 300) of about 1 degree because of 
the existing ruts on the roads. Their assumed radius 
was smaller than 120 m. This yielded 82,500 such 
turns after six years. During 7,500 km to 10,800 km 
of motion, the changes of speed were more dynamic. 
It was assumed that the average speed was about  
80±20 kph. Due to the lack of data, it was assumed 
that the driver made proportionally fewer big turns, 
namely 440 to 630 turns with the radius of 20 m to 
500 m, averaged to 275 m and an angle of 90 degrees, 
about 660 to 950 smaller turns with the radius equal 
50 m and angle 40 degrees and about 6,600 to 9,500 
small turns with the radius R less than 120 m and 
angle of fewer than 1 degree. It was assumed that 
the car was moving at the maximum speed  allowed 
without slip during cornering (below 14 m⋅s–1).

4  THE SCHEME OF CORNERING

Jiang et al. [43] proposed a human-like trapezoidal 
steering angle model to quantitate the relationship 
between objective road factors and steering wheel 
angles generated by human drivers. They elaborated 
the idealized curve described by the straight curve 
length, the radius of curve R, and curve subtended 
angle α, constituting three consecutive sections: 
straight, circular curve, and straight. The driving speed 
on the ideal curve was assumed to be constant. As the 
steering positions of human drivers disagreed with the 
varying geometrical position of the curve, a series of 
feature distances replicating the actual human steering 
positions on the curve was introduced in the proposed 
steering angle model.

In this study, the simpler scheme of each jth 
cornering was assumed as follows. During the first 
one-fifth of the turn length lmax(j), the driver turns the 
steering wheels to the needed angle value, namely 
amax(j) equal to 1, 40 or 90 degrees, respectively. 
The next three-fifths of the turn length he keeps the 
steering wheels with the same constant angle value. 
During the last one-fifth of the turn length, the driver 
turns the steering wheels back to the initial position. 
Such an algorithm was illustrated in Fig. 2. The time 
of the jth cornering can be estimated from Eq. (1).

 t j
l j
v j

j R j
v ju

aver aver

( )
( )

( )

( ) ( )

( )
,max max� �

��
 (1)

where j = 1, ... M is number of cornering, M total 
number of cornering made by the driver, R(  j) the 
radius of the jth cornering [m], and vaver(  j) average 
speed of vehicle during the jth cornering [m⋅s–1].

The time of turning the steering wheel forward 
and back is equal to 0.4 t.

An average speed of the bearing relative to the 
ball stud during the jth cornering was estimated from 
Eq. (2).

 v j
j d
t jb

ball

u

( )
( )

. ( )
,max�

� �
�

2

0 4

�
 (2)

where dball is the average diameter of spherical surface 
of the ball stud [m].

Fig. 2.  The scheme of cornering

5  THE MODEL OF STEERING MECHANISM

The kinematic scheme of the steering mechanism 
is presented in Fig. 3. The steering angle δ is the 
independent variable. The following parameters are 
constants: Hc = 160 mm, αc = 42°, Rc = 120 mm, hc = 
200 mm, and dc = 250 mm. 

The force F loading the steering rod is estimated 
from Eq. (3).
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The angle ε is calculated from Eq. (4).

 � �� ��sin ( sin( ) / ).1 h qc c  (4)

The constant distance q is calculated from Eq. (5). 

 q R h R hc c c c c� � �2 2 2 cos( ).�  (5)

The angle β is calculated from Eq. (6). 

 �
� �

c
c

c

H q
d

�
� ��

�
�

�

�
�sin

- sin( )
.-1  (6)

Fig. 3.  The kinematic scheme of the steering mechanism

Three factors affecting the steering force are 
vertical load, lateral force, and tractive force. Each 
of these conditions produces a torque acting on the 
steering axis, and the torque is balanced through the 
steering rack. The total torque about the steering axis 
is a summation of the individual torques.

The torque resulting from the vertical load was 
calculated from Eq. (7).

 
M F F s

F F s v
V zl zr

zl zr c

� � � � � �
� � � � �
( ) sin( ) sin( )

( ) sin( ) cos( ),

� �
�  (7)

where (values readout from catalogue): Fzl = 4790 N 
is vertical load for left wheel, Fzr = 3110 N vertical 
load for right wheel, s = -0.006 m lateral offset at the 
ground, λ  = 7° lateral inclination angle (estimated), δ  
steer angle [°], and vc  = 3.32±1° caster angle.

The torque resulting from the lateral force was 
calculated from Eqs. (8) and (9). 

 M F F r vL yl yr� � � � �( ) tan( ),  (8)

 F F Cyl yr f= = / ,4  (9)

where Cf is cornering force [N], Fyl lateral force for 
left wheel [N], Fyr lateral force for right wheel [N], 
and r = 0.32 m  tire radius.

The torque due to tractive force, calculated from 
Eq. (10). 

 M F F sT xl xr� � �( ) ,  (10)

where Fxl is tractive force for left wheel [N], and Fxr 
tractive force for right wheel [N].

The cornering force Cf was estimated from Eq. 
(11). 

 C mv j R jf aver= 2 ( ) / ( ).  (11)

The tractive force Fx was estimated from Eq. (12). 

 F m g f C Avx t x aver� � 0 5 2. ,�  (12)

where m = 1580 kg is mass of the vehicle,  
ft = 0.01 rolling resistance coefficient, ρ = 1.29 kg⋅m–3 
air density, Cx = 0.31 drag coefficient, and  
A = 0.84 ∙ Hcar ∙ Wcar = 2.055 m2 reference frontal area.

6  OPERATIONAL CONDITIONS FOR THE ANALYSED STUD  
OF THE STEERING ROD

The ball joint can be made of AISI-SAE 5140 steel, 
usually heat treated by quenching and tempering with 
the resulted microstructure of tempered martensite 
with acicular ferrite [44]. Such heat treatment resulted 
in higher material toughness [45] and [46], as cited 
in Ossa et al. [44], lower fracture toughness, and 
mechanical strength decreasing element durability, 
and local reduction on the material hardness lowering 
the fatigue endurance limit.

According to Murakami [47], as cited in Ossa et 
al. [44], the uniaxial fatigue strength σf depends on the 
Vickers hardness Hv as Eq. (13). 

 � f v vH H� �1 6 0 1. . .  (13)

The calculated Vickers hardness of the failed 
element was of 353Hv. Using Eq. (13), the uniaxial 
fatigue strength of the material is 565±35.3 MPa level. 
According to Alsaran et al. [48], as cited in Ossa et al. 
[44], the heat treatment of AISI-SAE 5140 steel used 
for suspension system ball joints resulted in a fatigue 
endurance limit of 416 MPa. As Alsaran’s endurance 
limit does not exceed the value obtained from Eq. (13), 
this value is then used as the bulk fatigue endurance 
limit of the analysed ball joint element. The endurance 
limit calculated from Eq. 13 for the acicular ferrite 
approximates 326±20.4 MPa. Loading for the stud of 
steering rod can approach up to 500 N [49], 1540 N 
[50] or even 2000 N [11].
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The operational conditions of the analysed 
stud of the steering rod were highly affected by the 
lubrication conditions in the contact zone between the 
stud ball end and its insert. The lithium greases in pure 
form and with various additives are often used for the 
lubrication of ball joints in car suspensions.  

Miettinen and Andersson [51] found that the 
lubrication significantly affected the acoustic 
characteristics rolling bearings. 

Sharma et al. [52] elaborated a theoretical model 
for studies of the effects of operating parameters on 
the energy of acoustic emission (AE) generated in 
rolling element bearing. The model was based on 
the asperities-level interaction between the mating 
surfaces of bearing components using the Hertzian 
contact approach, statistical concepts, contact load 
distribution during the load zone, and lubrication 
effects.  

Patil et al. [53] examined the effects of Hertzian 
deformations between the mating bodies, elasto-
hydrodynamic lubrication (EHL), and elastic asperity 
interactions of rough surfaces on combined acoustic 
and dynamic characteristics of a ball bearing.

Wang et al. [54] developed the dynamic models 
allowing considering the effects of dynamic contact 
forces, EHL rolling friction torque, centrifugal forces, 
elastic hysteresis, differential sliding friction torques 
on the ball motion state, and slipping in the rolling 
bearings.

Liu et al. [55] proposed an interesting dynamic 
model of angular contact ball bearing (ACBB), which 
enabled considering the effects of elastic hysteresis, 
differential sliding friction torques, and EHL rolling 
on the ball motion state.

Masjedi and Khonsari [56] related the shear 
friction force between the raceways and ball from:
•  the contact force and the relative sliding speed 

between the raceways and ball, and the ellipse 
contact area dimensions,

•  features of asperities, including their friction 
coefficient of asperities, their load ratio, and their 
ultimate shear stress coefficient,

•  features of the oil film, including the pressure 
sustained by it, its average viscosity, its ultimate 
shear stress, and the central oil film thickness.
Tong and Hong [57] elaborated a friction torque 

model of ACBB, including the shear friction force 
and the ball friction force depending on the elastic 
hysteresis, EHL rolling, and differential sliding 
friction torques.

Marques et al. [58] determined that in mechanical 
joints, a static friction model with elimination of the 
discontinuity at zero velocity was usually a good 

choice. For such joints operating under highly variable 
normal loads, a dynamic friction model was required. 
Fortunately, apart from participation in rallies, the 
dynamics of loads on tie rod ends in vehicles driving 
mainly on the most frequently used roads is not so 
large. 

7  WEAR MODEL FOR THE STUD OF THE STEERING ROD

In the literature on abrasive wear at the contact of 
sliding bodies, many papers deal with various types of 
radial sliding bearings [59] to [70].

Fewer articles concern abrasive wear of various 
ball joints, including those used in medicine [71] to 
[78].

Watrin et al. [75] reported that the ball joint 
failure resulted from the interface degradation 
between the steel ball pin and its POM socket. Such 
wear was caused by two mechanisms, the abrasion 
of the ball socket surface with the ball pin and plastic 
deformation due to the axial load.

In the literature, some authors combine the results 
concerning the resistance to motion with the results 
concerning the abrasive wear in a given frictional 
contact. For example, numerically studying the plane 
elastic contact problem to determine the contact 
strength and tribological durability of sliding bearings, 
Chernets et al. [79] found that both contact angles and 
maximum contact pressures almost linearly depended 
on the load, and the durability weakened nonlinearly 
with load enhancement. The authors proposed 
the characteristic function of wear resistance of 
materials for discrete values of specific friction forces 
established during tribological tests.

Other researchers [16] to [19], however, believe 
that although both types of results may depend on 
the same physicochemical properties of the mating 
bodies, and possibly also the presence of lubricant 
and impurities in the contact, they are independent of 
each other, particularly on the macro scale. Similarly, 
in this paper, we have decided not to make the model 
of wear in contact between steel stud and its POM 
bearing dependent on the friction forces occurring in 
such a contact zone. 

The abrasive wear of loaded surfaces was 
modelled using the Archard law, described by Eq. 
(14), by Ejtehadi et al. [71], as cited by [75], for the 
contact interface in the POM/Carbone-based-steel 
couple. 

 V k F sw A n w� � � ,  (14)
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determined using various methods, including the 
popular FEM [81] to [96], the less used elastic 
foundation model (EFM) [83] and [97] to [103], and 
the boundary element method (BEM) [104] to [106], 
and other less popular analytical procedures, like the 
semi-analytical method (SAM) [107]. The common 
problem of unwanted stress singularities is usually 
prevented by applying pressure instead of single 
point (node) loading [85]. In this study, the FEM was 
utilized to determine contact pressure in the contact 
zone between the stud ball end and its bearing.

Fig. 4.  FEM model of contact between rotating steel ball stud 1 
and its POM bearing 2 fixed in the steel body 3

The normal contact pressure in a specific contact 
zone can be strongly affected by a load distribution 
in a complex object involving several or even several 
dozen components. In cases of rolling bearings or 
complex shapes of 3D surfaces mating under frictional 
conditions, the effective stiffness, sometimes in the 
matrix form, is utilized to represent the relationship 
between the external load and the resultant or averaged 
relative displacement of the object components. In the 
case of a rolling bearing, such stiffness is influenced 
by the number of rolling components, the distribution 
of the load on the individual bearing elements, the 
presence of grease, and preload. In the case of a 
conformal joint, the shape of the mating surfaces can 
be complicated by the presence of various grooves 
facilitating lubricant distribution, the presence and 
type of lubricant, the presence of a preload in the 
form of a tight-fitting between stud ball end, and its 
bearing. In the case of worn surfaces due to abrasive 
wear, such tight-fitting become the loose one.

Some researchers conducted studies on the load 
distribution and stiffness characteristics of the rolling 
bearings [108] to [110]. Their findings might also be 
useful for rod ends with rolling bearing, described, 
inter alia, in [111] and [112].

For these two issues, various methods can be 
used, including the statics analytical method (SAM), 
quasi-statics numerical method, and quasi-statics 
analytical method (QAM). 

where Vw is the worn volume [mm3], Fn the normal 
applied load [N], sw the sliding distance [mm], and kA 
the wear coefficient [mm2N–1].

The modified Archard law in the form of Eq. (15) 
was used by the other authors, including [76] to [78], 
as cited by [75], for the evaluation of the wear depth. 

h L pw w w( , , ) ( , , ) ( , , ),R k R Rs t t A s t t s t t� � � � � �� � �  (15)

where hw(Rs, θt, φt) is the evolution of radial dimension 
of the ball socket surface during one cycle [mm], 
Lw(Rs, θt, φt) the sliding distance of the ball socket 
point during the cycle [mm], pw(Rs, θt, φt) the normal 
pressure applied on the ball socket element [MPa],  
θt, φt the angle coordinates of the sphere [rad], and Rs 
the ball pin radius [mm].

Watrin et al. [75] proposed a relation Eq. (16) 
between the wear coefficient kA and the sliding 
distance Lw.

 k LA w� � ��6 10 7 0 58. .  (16)

In the present study, it was assumed that the linear 
wear intensity Ihi for both the steel stud and its POM 
bearing can be calculated using Eq. (17). 

 I k p ihi i a� � �2 1 2; , ,  (17)

where k1 and k2 are the wear intensity factors for 
the stud and its bearing, respectively, and pa is the 
averaged pressure in the contact zone between the ball 
stud and its bearing [Pa].

The wear intensity factor ki characterizing the 
linear wear intensity Ihi was estimated from Eq. (18). 
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where w I S vz hi b
aver� ��  is volumetric wear rate [m3·s–1], 

v l tb
aver

z corn= /  average speed of the bearing relative to 
the ball stud during all analysed time of driving [m3·s–3], 
tcorn summarized time of driving during cornering 
[s], l v t v j t jz b

aver
corn b u

j

M

� � � �
�
� ( ) ( )
1

is wear distance 
represented by the assumed formula [m], Wi 
volumetric wear of the ball stud (i = 1) or its bearing  
(i = 2) [m3], S = Rb / pa the contact area between the ball 
stud and its bearing [m2], and Rb reaction in contact 
between the ball stud and its bearing [N].

The majority of the encountered wear laws, 
discussed by Mukras [80], required determining 
contact pressure and the sliding amounts between 
the mating surfaces. The contact pressure can be 
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The SAM hypothetically assumed the local load 
distribution. The effects of the preload and the variation 
of the contact angle are not usually considered in the 
traditional SAM [113]. That method was utilized by 
Palmgren [114], Houpert [115], and Hernot et al. [116], 
also in problems needed considering an effect of 
preload on the bearing stiffness matrix [117] to [120].

The quasi-statics numerical method 
hypothetically assumed the rigid body displacement 
of the inner ring. 

Such an approach introduced by Jones [121] was 
used by Li et al. [122], Fang et al. [123], Tang [124], 
and Feng et al. [125]. 

Neol et al. [126] gave an analytical expression of 
quasi-static stiffness of the rolling bearings. 

To limit the time requirement of the quasi-statics 
numerical method, the quasi-statics analytical method 
(QAM) utilizing various analytical algorithms or 
models were applied by Sheng et al. [127], Zhang et 
al. [128] and [129], Fang et al. [130], Cheng et al. [131], 
Jedrzejewski and Kwasny [132], Zhang et al. [133], 
Ren et al. [134].

The QAM can also be based on models elaborated 
using the Finite Element Method. Such an approach 
was utilized by Guo and Parker [135], and by Daidié 
et al. [136]. 

Wang et al. [137] proposed an improved quasi-
dynamic model for the ACBBs to obtain a more 
accurate load distribution of them.

Liu et al. [113] utilized an analytical calculation 
method (SAMCA) for the load distribution and 
stiffness of a preloaded ACBB with combined loads, 
including the radial and axial ones.

The contact pressure was obtained from the 
steady-state analysis using the FEM model of the 
contact between the rotating steel stud ball end and 
its POM bearing fixed in the steel body (Fig.  4). The 
material model for the stud and the body utilized the 
linear isotropic model of steel. In such a model, the 
density was equal to 7800 kg/m3, the Young modulus 
to 210,000 MPa and the Poisson number to 0.3 [11]. 
The material model for the bearing utilized the linear 
isotropic model of POM with density of 1410 kg/
m3, the Young modulus was equal to 3000 MPa, the 
Poisson ratio was equal to 0.42, respectively [11]. 

The linear behaviour of steel ball and POM 
socket was also assumed by Watrin et al. [75] for the 
finite element analysis of contact pressure distribution 
during their studies on the ball pin and plastic socket 
contact in a ball joint.

The grid of the tetrahedral finite elements 
was generated automatically by the program. Each 
finite element comprises nodes with three degrees 

of freedom, such as displacements ux, uy, uz along 
the respective main axes X, Y, Z of the global set of 
coordinates.

The boundary conditions were as follow: C1 is 
the top, and the neighbouring cylindrical surfaces of 
the ball stud end could move only perpendicular to 
the axis of the stud, C2 the cylindrical surface of the 
steel body was fixed, and C3 the conical surface of the 
stood was loaded by the constant horizontal force F. 
Such a force can reach values up to 500 N [49], 1540 
N [50] or even 2000 N [11]. 

The grid of FEs and boundary conditions are 
presented in Fig. 4.

While driving according to the described earlier 
course, the necessity to make sudden turns could 
occur sporadically. Therefore, it was assumed for 
further analysis that the load on the contact zone 
between the stud ball end and its bearing was of quasi-
static nature. However, during analysis, the non-linear 
character of the contact stiffness between the stud 
ball end and its POM bearing was also considered, 
by using a non-linear computational algorithm [138] 
to solve the problem of contact status and contact 
pressure for each contact element in the contact 
zones between mating surfaces of the components. 
The necessity to consider the nonlinear character 
of contact stiffness is usual for rolling bearing. 
According to Liu et al. [113], the rating speed had a 
significant effect on the contact angle and stiffness of 
roller bearings, especially for the high-speed range. 
The enhancement of macroscopic loads not only 
increased the contact loads but also enhanced stiffness 
of rolling bearing. The selection of the calculation 
method also influenced the obtained contact pressure 
values for the given values of macroscopic loads and 
geometrical parameters of the contacting elements 
[113]. An unexpectedly received calculation method 
(e.g., a linear algorithm assuming a linear relationship 
between deformation and stress) resulted in obtaining 
the most frequently overestimated values of contact 
pressures, especially at high loads.

The size of each contact element was strictly 
correlated to the size of the directly underlying 
volumetric finite element generated for material lying 
beneath the surface on which such a contact element 
was formed, as described in [138]. 

The effect of finite element size on the 
convergence of solution was studied, assuming the 
maximal value of mean macroscopic contact pressure   
pm between the stud ball end and its bearing under 
loading by the force F (Fig. 4) equal to 500 N, as the 
criterion. Such a macroscopic contact pressure related 
to the area comprising both contact areas of deformed 
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loaded asperities and the nearest adjacent areas 
completely separated by the grease layer.

After obtaining the solution, the 3D triangular 
finite contact elements associated with the inner 
spherical surface of the POM insert were recorded 
together with the coordinates of the corner nodes 
Xe,  Ye and Ze of the given eth finite contact element, 
the contact status CSe (CSe = 1, when in contact and 
CSe = 0, when not in contact) of this element and the 
value of the contact pressure pe. The coordinates  Xe, 
Ye, Ze of the corner nodes allowed estimating the 3D 
triangle area close to area Ae of the given eth finite 
contact element. For each finite contact element, the 
area of said triangle was multiplied by the contact 
pressure for a given contact element and the contact 
status. Then these products were summed to give 
the value of S1. Moreover, the area of said triangle 
was multiplied by the contact status of a given finite 
contact element, and then such products were summed 
to obtain the value of S2. Dividing the S1 by the S2 
allowed obtaining the estimated value of mean contact 
pressure. A more coarse but easier estimate can be 
obtained using Eq. (19).  

The 3D triangle contact elements with the bond 
option were introduced between the bearing and the 
body, while between the stud and this bearing, similar 
contact elements with frictional option were used. The 
surface-to-surface type with asymmetric option were 
utilized. Therefore, the flexible target elements were 
applied to the stud ball end 1 and the inner surface of 
steel body 3. The deformable contact elements were 
applied to the inner and outer surface of POM bearing 
2 (Fig. 4). It was used the default values of parameters 
characterizing behaviour of contact elements [138]. 

The friction coefficient between the steel body 
and the POM bearings was assumed to be equal 
to 0.22 [139]. Under small slipping, the friction 
coefficient does not change with applied force [140]. 
Therefore, the friction coefficient was independent of 
the eventual preloading of the assembly [11].

An averaged pressure was calculated from Eq. 
(19). 

 p
K

pa e
e

K

�
�
�1
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,  (19)

where pe is contact pressure on the eth contact element, 
and K number of contact elements loaded by contact 
pressure (based on status number: 1 – in contact, 0 – 
not in contact, assigned to each contact element after 
solution convergence).

The wear W1 of the ball end of the steel stud was 
calculated as a difference between the volumes of a 
new ball and a worn ball bordered by its maximal 

tangential outer surface. It was assumed that the shape 
of the new ball-end volume is a sphere of diameter 
D1. The worn ball end volume is a rotated ellipse 
with two main diameters equal to D1 and the third 
main diameter equals the difference D1 – ∆D1. ∆D1 is 
the change of the measured outer diameter due wear 
process. Therefore, the wear of the ball end of the 
steel stud was estimated from Eq. (20). 

 W D D1 1

2

10 5� � � �. .� �  (20)

The wear W2 of the POM bearing was calculated 
as a difference between volumes contained within 
the worn and new bearing/seat and bordered by its 
minimal tangential inner surface. It was assumed that 
the shape of the new bearing/seat volume is a sphere 
of diameter D2. The worn bearing/seat volume is a 
rotated ellipse with two main diameters equal D2 and 
the third main diameter equal to the sum D2+∆D2. The 
∆D2 is the change of the measured inner diameter due 
the wear process occurring between the ball end of the 
steel stud and its POM bearing. Therefore, the wear of 
the ball end of the steel stud was estimated from Eq. 
(21). 

 W D D2 2

2

20 5� � � �. .� �  (21)

7.1  The Effect of Lubrication on the Contact Pressure in 
Contact Zone

The effect of lubrication in contact zone under mixed 
friction conditions on average contact pressure is 
rather small compared with the case of unlubricated 
contact, as shown in Zhang et al. [141].

According to Otero et al. [142], determination 
friction forces in mixed lubrication for highly loaded 
non-conformal contacts requires, inter alia, a load 
share function determining the fraction of load 
supported by the lubricant film. 

For point contacts, Zhu and Hu [143], as cited 
in [142], proposed such a function in the form of Eq. 
(22).
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where λ and the specific lubricant film thickness 
determined from Eq. (23) [142].
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,  (23)

where h0 the minimum lubricant film thickness [142], 
and σ1 , σ2 the root mean square (RMS) roughness of 
the mating surfaces 1 and 2, respectively [142].
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For line contacts, Castro and Seabra [144], as 
cited in [142] proposed such a function in the form of 
Eq. (24).

 f� �� �0 84 0 23. ..  (24)

According to [142], both such functions did not 
differ significantly.

The actual spherical surfaces, both of stud 
ball end and of its bearing, as separate mechanical 
components, are characterized by roughness being 
the component of surface texture, excluding waviness 
and deviation of form [145]. The rough surface can be 
modelled using various methods. The model directly 
created using the FEM was proposed by Thompson 
[146]. In the model, the rough surface was formed first 
by using the nodal or elemental set, then the height 
of the nodes was changed randomly, which resulted in 
the formation of the surface with sharp peak asperities 
bringing extreme stress.

Another approach is the application of the 
random Gaussian height distribution (GHD) equation 
for generation of the matrix of roughness points 
(2D), followed by developing the 3D rough surface 
model. Using appropriate CAD software (CATIA, 
SolidWorks, among others), the cloud of rough surface 
points is transformed into a 3D surface form and then 
converted into the 3D solid form. This approach was 
utilized in [147] to [153].

The rough asperities can be modelled as the set 
of the elasto-plastically deformed hemispheres [154] 
to [157], hemi-ellipsoids [157] and [158] or paraboloids 
[159] and [160] with various distributions. 

The contact between the stud ball end and its 
bearing belongs to the group of conformal joints. 
Therefore, to estimate the effect of lubrication 
occurrence in the contact zone between stud ball end 
and its POM bearing on the contact pressure values 
therein, the following assumptions were made.

The content of moisture, debris, and contaminants 
in the grease was constant, and all these inclusions 
were collected in the grease outside the contact 
zone, e.g., in grooves to facilitate spreading grease. 
This assumption was made to avoid unnecessarily 
complicating the model and to neglect such an effect 
on the wear process.

The temperature in the contact area between the 
stud ball end and its bearing was constant and did not 
affect the rheological properties of the grease and the 
wear of the mating surfaces and the grease itself.

The mapping of the mixed lubrication conditions 
in the contact between the stud ball end and its POM 
bearing was made by considering the movement of 

a flat, rigid, and smooth surface on a rough surface, 
presented as a set of model asperities (Fig. 5). Such a 
movement was under constant sliding speed U. 

The space between such surfaces was divided 
into two areas with different lubrication mechanisms: 
the first one containing modelled asperities under 
boundary lubrication conditions and the second 
one containing lubricating microclines under 
hydrodynamic lubrication conditions. 

The load on the area of a single asperity and its 
environment containing microclines of the lubricant is 
transferred by the force from the plastic deformations 
of the asperity in contact with the rigid plane and the 
lifting force of the lubricating microclines.

The layer of lubricant around the centre of the 
asperity top was so thin that boundary lubrication 
processes occurring in such an area were not subject 
to the laws of hydrodynamics. The thickness hf

av of 
the layer was independent on the normal load N (Fig. 
5a). The distribution of unit pressures in the presence 
of this thin layer was very close to the distribution of 
Hertz pressure, arising at the contact of non-lubricated 
surfaces.

In the region of the microclines, the layer of 
lubricant was sufficiently thick, and the principles of 
hydrodynamic lubrication were applicable to it.

The asperities were modelled as the elastic-plastic 
hemispheres evenly distributed over the contact zone 
(Fig. 5b).

The radius Rasp of such a hemisphere was equal to 
the roughness parameter Ra equal to 5 µm.

The distance R0 between the centres of adjacent 
hemispheres was equal to the half of roughness 
parameter RSm equal to 0.2 mm.

Fig. 5.  Model of contact between a rough surface and a rigid 
smooth plane; a) model of the grease layer separating rough 

surface asperities from a flat, rigid, and smooth plane, b) model of 
the distribution of asperities in contact with a movable rigid plane 

A circular isobar was created around each asperity 
when the maximal thickness hs

av of lubricant occurred 
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(Fig. 5b). It was assumed that hs
av = 0.5 Ra. It was 

also assumed that hs
av = 0.01 hf

av.
The normal load N1 on the contact of a single 

asperity with the rigid plane (Fig. 5a) was estimated 
from Eq. (25) [161], as cited in [162]. 

 N H RPOM asp asp1 2� � � � �� � ,  (25)

where Rasp = Ra is the radius of the hemisphere 
modelling the asperity, HPOM = 150 MPa hardness of 
POM [163], and αasp deformation of the centre of the 
contact area, called ‘roughness susceptibility’ (Fig. 
5a), defined by Eq. (26) [162].

 �asp s
av

f
avz h h� � �( ),  (26)

where z is the height of the undeformed hemisphere 
modelling an asperity (Fig. 5a).

The roughness susceptibility αasp was determined 
from Eq. (27) [164], as cited in [162].
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where EPOM = 3000 MPa is the tensile modulus of 
POM [163], and vPOM = 0.35 the Poisson number of 
POM, as assumed.

The number Nasp of asperities being in contact 
with the rigid plane was estimated from Eq. (28).
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where R0 = 0.5 · RSm = 0.1 mm is the distance between 
the centres of adjacent hemispheres modelling 
asperities.

The average thickness hav of lubricant (Fig. 5a) 
was described by Eq. (29) [161], as cited in [162].
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where rasp is the current value of the radius of the 
projection of the hemisphere onto the rigid plane (Fig. 
5), and basp the boundary radius of the area of the 
plastically deformed contact zone of the hemisphere 
modelling asperity (Fig. 5a); it was determined from 
Eq. (30) [161], as cited in [162].  

 b Rasp asp asp� � �2 � ,  (30)

where aasp is the radius of the base of the hemisphere 
(Fig. 5a); considering Eq. (29), it can be estimated 
from Eq. (31).
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The dependency between the lubricant thickness 
h and pressure p for the hydrodynamic lubrication 
conditions was described by average Reynold’s Eq. 
(32) [165] and [166], as cited in [162].
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where U is the sliding speed rigid plane relative to 
the rough surface (Fig. 5). It was assumed that it can 
reach values up to 0.03 m/s, and ηeq = 0.126 Pa⸱s the 
equivalent dynamic viscosity for the lithium grease 
determined according to the procedures described in 
[167]. The lithium grease rheological properties were 
modelled using the Herschel-Bulkley model given by 
Eq. (33) [168].

 � � �� � �0 1m
n( ) ,

 (33)

where τ0 = 611.26 Pa, m1 =  3.201  Pa∙sn , n = 0.616 
are parameters of the Herschel-Bulkley model for the 
UM185Li2 grease [168]. The dynamic viscosity of its 
base oil at room temperature was assumed to be about 
0.1 Pa∙s. 

For the region aasp  ≤  rasp  ≤ R0 where hs
aver was 

constant, the solution of Eq. (29) took the form of Eq. 
(34) [161], as cited in [162].
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where θ is the current value of angle around the axis 
of the hemisphere modelling an asperity (Fig. 5b), pm 
mean macroscopic pressure over the entire lubricated 
area, Cf1 constant factor determined from Eq. (35) 
[161], as cited in [162].
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where kasp is constant factor determined from Eq. (36) 
[161], as cited in [162].
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For the region aasp ≤ rasp ≤ R0 where hs
aver varied, 

the solution of Eq. (29) took the form (37) [161], as 
cited in [162].
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where Cf2 is a constant factor determined from Eq. 
(38) [161], as cited in [162].
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A normal load N2 of a single asperity arising 
because of hydrodynamic phenomena accompanying 
the displacement of a single unevenness in relation to 
a rigid plane was determined from Eq. (39) [161], as 
cited in [162]. 
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The total normal load of contact zone was 
estimated from Eq. (40).

 N N N Nasp� � �� �1 2 .  (40)

The average contact pressure pasp
av  resulted from 

load carried out by asperities in contact zone was 
estimated from Eq. (41).
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7.2  The Squeeze Film in Contact Zone between the Stud 
Ball End and Its Bearing

Clarke and Bell [169] elaborated a model for the 
prediction of the friction in a ball joint operating under 
very high loads and rotations at very low speeds, 
including zero speed, thus, in the mixed and boundary 
lubrication regimes. The model considered the effect 
of a squeeze film. Using this model for studies on the 
hydraulic motors with various surface finishes on the 
ball joints, they found that friction in the ball joints 
was strongly affected by various surface qualities.

In the present study, it was assumed that after the 
axial load on the tie rod end, the conditions necessary 
for the mixed friction to occur in the contact zone 
of the stud ball end with its bearing are created. 
First, during their rotation relative to each other, the 
lubricant layer is pressed out of the gap between 
them. Then a squeeze film is formed in the fracture, 

accompanied by the production of a normal pressure 
distribution.

Similarly, to the case of rotation of the stud ball 
end relative to its bearing under lubrication, it was also 
assumed that the effect of content of moisture, debris, 
and impurities in the grease, and the temperature in 
contact zone on the rheological properties of grease 
and the wear process was neglected.

Although in fact, the contact zone is closer to 
the sphere segment, the research on squeeze fill was 
carried out using the hemisphere model, assuming 
that this difference does not significantly affect the 
obtained pressure values.

To estimate values of this pressure, the model 
like that developed by Walicki and Walicka [170] 
was adopted, while the then-occurring rotational 
movement of the stud ball end in relation to its bearing 
takes place under conditions of very low rotational 
speed, so its effect resulting from the accompanying 
it the hydrodynamic interactions in the grease layer on 
the pressure distribution may be omitted.

The model of hemispherical contact between 
the steel stud ball end and its POM bearing operating 
under a squeeze film of grease was shown in Fig. 6. 
For the further analysis, it was assumed that squeezing 
took place at an averaged speed.

Fig. 6.  Model of hemispherical contact between the stud ball end 
and its POM bearing operating under a squeeze film of grease;  

C = 0.5∙(D2 – D1), εsq = esq / C, � �sq sqd dt� / .

The pressure was estimated from Eq. (42) [170].
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where l* = 0.1 is dimensionless parameter [170], 
C = 0.5·(D2 – D1) the radial clearance between stud 
ball end and its bearing, esq the eccentricity, εsq = esq /C  
the eccentricity ratio, and � �sq sqd dt� /  the time 
derivative of the eccentricity ratio εsq.

The average pressure was determined from Eq. 
(43).
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The loading carried out was estimated from Eq. 
(44) [170].
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Eq. (44) enabled estimating the average value 
of the time derivative of the eccentricity ratio � �sq sqd dt� / for 
the given value of force N loading the contact zone 
between the stud ball end and its bearing during 
squeezing of grease layer between them. This allowed 
determining values of pressure p from Eq. (42) and of 
average pressure pav from Eq. (43).

8  LATERAL FORCES LOADING WHEELS  
DURING CORNERING

Lateral forces loading wheels are important from 
the point of view of driving with a varying motion 
trajectory of the vehicle. Using a two-degrees of 
freedom (DOF) planar two-track model with a 
nonlinear magic tire formula [171] showed that 
the better adhesion capacities of tires worsened 
both lateral vehicle stability and increased rollover 
propensity, which both were highly affected by both 
the suspension parameters and the road excitation 
inputs.

Rega et al. [172] reported that the vehicle steering 
bifurcation analysis usually utilized the nonlinear 

autonomous vehicle model based on the two degrees 
of freedom (2DOF) linear vehicle model. The driving 
effect on steering bifurcation characteristics is omitted 
in such a model. However, in real driving conditions, 
the tires can provide various lateral forces. The 
steering bifurcation mechanism neglecting the driving 
effect cannot fully reveal the vehicle steering and 
driving bifurcation characteristics.

In the present study, the model of vehicle 
cornering was assumed to be similar to the 4-wheel 
model used by Nguyen [173]. The model is presented 
in Fig. 7. The geometry of the model is characterized 
by vehicle parameters tf and tr (the front and rear track 
widths) equal to 1.2 m. The distance between wheel 
axes is equal to L = 2850 mm, and the coordinates of 
the centre of the gravity are af = 1120 mm and ar = 
1730 mm, respectively. Tire force was based solely on 
a slip angle. Tire forces were taken as perpendicular to 
the velocity at each of the individual tires. The motion 
of the vehicle is described by the set of Eqs. (45) to 
(54) [173]. After their time integration, the variables ω 
and β were obtained. This process was iterative, as the 
angle δf was determined also in an iterative manner.

Fig. 7.  The model of cornering vehicle
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dt
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where v =vaver(  j) is the average speed of vehicle [m⋅s–1], 
and Iz mass inertia moment of the vehicle relative to 
the vertical z axis [kg⋅m2].

During calculations, the average values of the slip 
angles were used: αf = 0.5(αfr +αfl) and αr = 0.5(αrr +αrl).

According to Nguyen [173], the Magic Tire 
Formula was used in general terms of Eq. (55) 
[171]. The index m in equation (29) can assume the 
following values: f for the front wheel or r for the rear 
wheel, respectively.
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where for the wheel pressure equal to 35 psi, curve-
fitted parameters are the following: coefficients  
a0 = 1.3, a1 = –0.0115 N–1, a2 = 0.8447, a3 = –123.6505 N, 
a4 = 14.273 N, a6 = –0.08073 N–1, a7 = 0.0272 and 
a17 = 0.0594 [171], as cited in [173]. 

The steering angle δf was estimated from Eq. (56) 
[173]. 
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9  RESULTS

For the different values of turns radius, during vehicle 
cornering, some courses of the force F loading the 
stud of the steering rod versus the steering angle δ 
were obtained. Fig. 8 shows the course for the average 
value of vehicle speed v during cornering equal to 
10.55 m⋅s–1 and Fig. 9 does this for the average value 
of 12.22 m⋅s–1. With the increase of the cornering 
radius R, the values of the force F decrease almost 
linearly, and the changes of the force F against the 
steering angle decrease. The increase of the averaged 
velocity v with about 7 % results in the increase of the 
force F with about 30 %.

Fig. 8.  The force F loading the stud vs. the steering angle δ for 
various radiuses R of cornering with the average value  

of vehicle speed v = 10.55 m·s–1.

The results of the study on the effect of a finite 
element size on the convergence of solution controlled 
by the maximum value of the mean macroscopic 
contact pressure pm between the stud and its bearing 
loaded by the force F (Fig. 4) equal to 500 N were 
presented in Table 2.



Strojniški vestnik - Journal of Mechanical Engineering 68(2022)2, 101-125

116 Wozniak, M. – Rylski, A. – Siczek, K.

Table 2.  The effect of finite element size on the maximum contact 
pressure between the stud and its bearing

Iteration
[-]

Average finite 
element size [m]

Maximum value of mean macroscopic 
contact pressure between the stud and 

its bearing [MPa]
1 0.002 2.5848
2 0.001 2.4393
3 0.0007 2.6374
4 0.0005 3.1686
5 0.0004 3.3535

It was assumed that the average finite element 
size equal 0.0005 m can allow the proper convergence 
of solution without unnecessarily increasing 
computation time and computing power involved.

Fig. 9.  The force F loading the stud vs. the steering angle δ for 
different radiuses R of cornering with the average value of vehicle 

speed v = 12.22 m·s–1

The resulting values of von Mises stresses in the 
model for the stud of steering rod loaded by force  
F = 300 N were presented in Fig. 10a for the complete 
assembly and in Fig. 10b for one without the stud. The 
calculated maximum value of such stresses equal to 
53.1 MPa occurred in the stud. Values of such stresses 
were below 5.9 MPa for the body and bearing. For 
the comparison, under loading, the tie rod end by 
the force F equal to 2000 N, the von Mises stresses 
reached values of 211 MPa for the stud, and 9.1 MPa 
for the POM bearing [11]. This non-linear tendency 
may indicate a complex dependence of the von 
Mises stresses in the stud and bearing materials on 
the size of the ball joint, materials of its components, 
and the latter’s geometric conditions of cooperation 
determined by the inclination angle [11].

The values of contact pressure p between rotating 
steel ball stud and its POM bearing for the force F = 
300 N are shown in Fig. 11a. The maximum values of 
them were equal to 1.87 MPa.

The values of contact pressure p between rotating 
steel ball stud and its POM bearing are shown for the 
force F = 200 N in Fig. 11b, for the F = 100 N in 
Fig. 11c and for F = 50 N in Fig. 11d, respectively. 
The maximum values of contact pressure relating 
to those force values were 1.24, 0.63 and 0.35 MPa, 
respectively.

The averaged values of contact pressure p against 
the force F are shown in Fig. 12. The averaged values 
of contact pressure p were equal to 0.21 MPa for the 
force F value equal to 300 N.

Fig. 10.  von Mises stresses [MPa] in the model assembly for the 
tie rod end a) complete one, b) one without the stud, for the force 

F = 300 N

For the maximum sliding speed vb of the stud ball 
end relative to its bearing equal to 0.03 m/s, lithium 
grease UM185Li2 was modelled using the Herschel-
Bulkley model, with its mentioned earlier parameters 
τ0, m1, and n, the estimated initial grease thickness 
equal to 7 µm, and the assumed value equal to 0.1 Pa·s 
for the dynamic viscosity of its base oil, the equivalent 
dynamic viscosity ηeq obtained from procedures 
described in [167] was equal to 0.129 Pa·s. 

The considerations on the effect of the lubricant 
presence on the contact pressure distributions in the 
contact zones between touching asperities of the stud 
ball end and its bearing, and pressure distribution in 
lubricant microclines surrounding such asperities 
were carried out for the following case chosen. The 
motion of the stud ball end relative to its bearing 
under constant rotational speed 2 rad/s and loading 
by constant force F = 300 N, was modelled as the 
motion of a rigid plane relative to the rough surface 
with asperities modelled using evenly distributed 
and elasto-plastically deformed hemispheres. Such 
a motion was modelled with constant sliding speed 
U = 0.03 m/s and under loading by force F = 300 
N. During modelling of the motion, the load was 
carried out partly by modelled asperities being in 
contact and partly by hydrodynamic effects from 
grease microclines between these asperities. The 
obtained value of the average contact pressure in 
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areas participating in carrying out load via plastically 
deformed asperities was equal to 150 MPa, and the 
average value of pressure in grease microclines was 
equal to 0.21 MPa.

The analysis of the squeezing process of lithium 
grease in a gap between the stud ball end and its 
bearing under the force N = F = 300 N loading the 
stud ball end was carried out for various initial 
eccentricity esq in a range from 0 up to 7 µm. The 
obtained average value of the time derivative of the 
eccentricity ratio � �sq sqd dt� / reached values in a range from 0 
to 0.028, respectively. The course of the average 
pressure values in the squeezed grease layer in the gap 
between the stud ball end and its bearing under 
loading by force F = 300 N versus initial eccentricity 
ratio εsq was presented in Fig. 13. Such values can 
reach 0.25 MPa, which was close to the average value 
of pressure in grease microclines when the stud ball 
end rotated relative to its bearing at the maximum 
sliding speed equal to 0.03 m/s and was loaded by 
force F = 300 N. It was visible that the increase of the 
initial eccentricity ratio εsq resulted in a quick 
enhancement of average pressure values in the 
squeezed grease layer in the gap between the stud ball 
end and its bearing under loading the former by a 
given force F value.

The measured outer diameters D1 of the new 
and the worn ball end of the stud made of steel differ 
less than the resolution of the measurement with the 
passameter equal to 0.005 mm. So, the wear W1 of the 
ball end was omitted, as a small value. The maximal 
difference between measured inner diameters D2 
of new and worn POM bearings positioned in the 
bushing was equal to 0.4 mm. The maximum wear 
W2 of the POM bearing was of about 1.88·10–7 m3. 
The obtained value of the wear intensity factor k2 
was equal to 1.38·10–19 m4⋅N–2 and thus the estimated 
value of the linear wear intensity Ih2 for the POM 
bearing equal to 5.9·10–9.

It should be noted that such values were obtained 
when the effect of lubrication occurrence in contact 
zone was included via an averaging of contact pressure 
values over the whole macroscopic contact area.

Using only the contact pressure occurred between 
plastically deformed asperities in the contact zone, the 
obtained value of the wear intensity factor k2 was equal 
to 2.45·10–20 m4⋅N–2 and thus the estimated value of 
the linear wear intensity Ih2 for the POM bearing equal 
to 5.5·10–4, which was five orders higher compared to 
the former one.

For comparison, the results from tests on the pin-
on-flat tribotester [174] for the dry contact between 
POM pin and a plate made of cold rolled steel AISI 

Fig. 11.  The values of contact pressure p [MPa] between  
stud ball end and its POM bearing for the force:  

a) F = 300 N; b) F = 200 N; c) F = 100 N; d) F = 50 N
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42CrMo4 ground to a roughness parameter Ra = 
0.20 µm were used. During the pin reciprocal motion 
with stroke equal to 15 mm relative to the fixed 
steel plate, the average sliding speed of 0.3 m⋅s–1 
was almost eighteen-fold higher than the one for the 
stud-bearing contact. Under a normal load of 100 N, 
the average contact pressure values were equal to 2 
MPa, respectively. Tests were conducted at room 
temperature; however, the temperature of the contact 
zone was not controlled.

Fig. 12.  The averaged values of contact pressure p  
against the force F

Fig. 13.  The average pressure in the squeezed grease layer in gap 
between the stud ball end and its bearing under loading by force  

F = 300 N, versus initial eccentricity ratio εsq

These values were almost ten-fold higher than that 
for the stud-bearing contact. The linear wear intensity 
for the POM, corresponding to the normal load of 100 
N, reached values 2.63·10–10 MPa. Therefore, it was 
almost six orders lower than one for the POM bearing 
of the tie rod end, calculated using only the contact 
pressure occurring between plastically deformed 
asperities in the contact zone. When an effect of grease 
lubrication was included via an averaging of contact 
pressure values over the whole macroscopic contact 
area, the linear wear contact intensity for the POM 
pin was only 30-fold lower than the one for the POM 
bearing of the tie rod end. It was because the sliding 
velocity, type, and shape of relative motion of mating 

surfaces highly affect the linear wear intensities in 
different contact zones.

Also, for the comparison, the results of the tests 
conducted using pin-on-disc tribotester [175] for the 
dry contact between POM-C pin and rotating disc 
made of 100Cr steel or AISI 3004 stainless steel 
were used. Such discs were polished to the roughness 
parameters  Ra  =  0.1  μm.  During  tests,  the  constant 
sliding speed was equal to 0.05 m/s and was three-
fold higher than the average one for the stud-bearing 
contact. The contact zone was loaded by the normal 
force 150 N corresponding to the contact pressure 
1.5 MPa, which was seven-fold higher than that for 
the stud-bearing contact. The average temperature in 
contact zone was equal to 27 °C for the AISI 3004 
stainless steel and to 30 °C for the 100Cr steel. The 
linear wear intensity for the POM, corresponding to 
the normal load of 150 N, reached values 0.00585 
for the case of 100Cr steel and 0.002925 for the case 
of AISI 3004 stainless steel. They were by the seven 
orders higher than the one for the POM bearing of the 
tie rod end when the effect of lubrication was included 
via an averaging of contact pressure values over the 
whole macroscopic contact area. When considering 
that only the contact pressure occurred between 
plastically deformed asperities in the contact zone, 
the linear wear intensity for the POM pin was ten-fold 
and five-fold higher, respectively, compared to the one 
for the POM bearing of the tie rod end.

It is visible that linear wear intensity in POM-
steel contact can reach values from a wide range. The 
mentioned intensity depends on the contact pressure 
[174] and [176], sliding speed [175], temperature [175], 
humidity [177], operating conditions, particularly 
relative motion manner [174] to [177]. The studied 
POM bearing of the tie rod ends was lubricated by the 
lithium grease, although its amount quickly decreased 
during a millage of the vehicle operating in a severe 
environment. The temperature and humidity also 
varied in a wide range depending on the technical 
condition of the seal in the tie rod end assembly. 

10  CONCLUSIONS

The wear rates of mating components of the ball joints 
were obtained experimentally. Wear of ball end was 
much lower than of the POM bearing in the case of 
the analysed stud.

Using finite element model of the stud the steering 
rod, mathematical equations describing kinematic 
dependencies for components the steering mechanism 
and assumed style of cornering, it was estimated value 
of the wear intensity factor k equal 1.38·10–19 m4⋅N–2 
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for POM bearing of the stud. This corresponds to 
the linear wear intensity Ih equal to 5.9·10–9, which 
can vary in a wide range depending on the contact 
pressure, sliding speed, temperature, humidity, 
operating, and lubricating conditions for the tie rod 
end assembly. Obtained values of the wear intensity 
factor k and the linear wear intensity Ih could deviate 
from the actual values, as they were strongly affected 
by the method used for determining the average 
values of contact pressure in the contact zone between 
stud ball end and its bearing. A similar observation 
concerning the effect of the calculation method on 
the values of the mean contact pressure used in the 
calculation of  was emphasized in [18].

Obtained averaged values of contact pressure 
between ball end and POM bearing almost linearly 
increased with force loading steering rod F. The force 
F value equal to 300 N caused the averaged values of 
contact pressure p equal to 0.21 MPa. Under loading, 
the stud ball end by the same force F values of 
contact pressure were close to these occurring during 
squeezing of the grease layer in the gap between the 
stud ball end and its bearing. Additionally, such values 
of contact pressure were close to these of pressure in 
areas of hydrodynamic effect of grease microclines 
when the similarly loaded stud ball end rotated relative 
to its bearing under maximal sliding speed equal to 
0.03 m/s. Simultaneously, the contact pressure in 
contact zones between plastically deformed asperities 
reached value of 150 MPa.
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