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Dynamic Characteristics and Stability Prediction
of Steam Turbine Rotor Based on Mesh Deformation
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In order to study the steam flow excited vibration caused by the eccentricity of a rotor, three-dimensional rotor whirl motion is simulated
based on mesh deformation. The mechanism of steam flow excited vibration and its influence on the dynamic characteristics of the rotor
are investigated. The results show that the exciting forces change with the displacement of the rotor’s centre. Rotor dynamic coefficients are
nonlinear when the rotor whirls pass the mesh deformation. The rotor dynamic coefficients and effective damping increase with the increase
of whirl frequency. When the whirl frequency is 24.41 Hz, the rotor dynamic coefficients are strongly affected by rotational velocity. The
maximum fluctuations of average direct stiffness, cross-coupling stiffness, direct damping and cross-coupling damping are 8.1 %, 113.2 %,
45.8 %, and 121.0 %, respectively. Effective damping fluctuates greatly when both whirl and rotational frequency are 24.41 Hz. The direct
stiffness, direct damping, and effective damping increase with the increase of pressure ratio, which can improve rotor stability. The pressure
fluctuation on the rotor’s surface is a primary reason for steam flow excited vibration. The stability margin of the rotor can be estimated

precisely via effective damping.
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Highlights

*  The three-dimensional rotor whirl motion was simulated based on the mesh deformation.
e The mechanism of steam flow excited vibration and the influence of factors on the dynamic characteristics of the rotor were

investigated.

*  The stability of the rotor can be predicted precisely through effective damping.

0 INTRODUCTION

With the continuous growth of power demand and
the adjustment of industrial energy structures, steam
turbines with large capacities are widely used in power
generation. Steam flow plays an essential role in rotor
stability. The uneven circumferential clearance in a
seal caused by the eccentricity of the rotor will lead to
the uneven distribution of steam, which easily induces
steam flow excited vibration. This is the main reason
for the variation of rotor dynamic characteristics
and rotor instability. Therefore, the analysis of rotor
dynamic characteristics and the stability of the rotor
system including steam flow excited vibration are
necessary.

In Alford’s analysis of steam flow exciting
forces, the uneven force on rotor produced by steam
can easily cause the eccentricity of the rotor, which
results in circumferential uneven leakage flow and
continuously aggravates the whirl motion of rotor
[1]. To analyse the mechanism of steam exciting
force, many different computational models of
seal have been used by scholars [2] to [6]. With the
deepening of research, the computational models
of seal for steam flow exciting forces are constantly
improved [7] and [8]. In recent years, computational
fluid dynamics (CFD) has been widely used for

simulations of fluid flow, combustion, and chemical
reactions due to its fast and effective computational
model. The static eccentricity of a rotor model is
calculated with a steady-state solver, in which the
rotor only has rotational motion. The results show that
the radial and tangential steam flow exciting forces
on rotor increase with the increase of eccentricity
[9] and [10]. The rotor dynamic coefficients have a
nonlinear relationship with the eccentricity. With the
increase of positive prewhirl at seal inlet, the cross-
coupling stiffness increases gradually from negative
to positive, and the rotor system is unstable [11].
However, a proper reverse prewhirl can enhance the
rotor stability [12] and [13]. Based on the influences of
preswirl and circumferential movement of steam flow
on rotor stability, the damping seal proposed by von
Pragenau is applied to practice. The seal can reduce
circumferential non-uniform distribution of pressure
and cross-coupling stiffness, which can enhance the
rotor stability [14].

Based on the static eccentricity of the rotor model,
the rotor whirl motion relative to rotating coordinate
system is put forward. In this model, the stator and
rotor have opposite rotational motion at the same
time. Ishii et al. simulated the complex turbulent flow
field of the seal to verify the validity of the model, and
indicated that the accurate flow field near the teeth
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is necessary for evaluating the rotor dynamic forces
[15]. Other scholars conducted a comparative analysis
of different solvers via this model and indicated that
CFX-TASC flow can accurately calculate the rotor
dynamic coefficients [16]. Sivakumar Subramanian
et al. studied the influence of centrifugal force on the
radial exciting force and tangential exciting force. The
centrifugal effect at low rotational velocity decreases
the radial exciting force, which is more obvious when
the pressure ratio increases; the tangential exciting
force is almost constant. However, at the condition of
high rotational velocity and high-pressure ratio, the
radial and tangential exciting forces change sharply
with the centrifugal effect [17]. Scholars established
the rotor whirl model for gas turbines and calculated
the dynamic coefficients in the frequency domain
[18]. In addition, the instability in compressors can
be linked to the high structural stress, which are
associated with flow-induced blade vibrations. The
research on the long-blade turbine stage showed
that the frequency of separation vortex had a certain
influence on the steam flow excited vibration [19].
In the research on rotor nonlinear motion [20], Ma et
al. studied the bifurcation of rotor system and found
that the bigger seal diameter, the higher bifurcation
velocity of rotor system [21].

At present, simplified models are adopted in most
of the research in order to reduce the computational
time, such as the static eccentricity of the rotor and
the rotor whirl motion based on the relative rotating
coordinate. However, these models can only show the
forces and flow characteristics at a certain position
of rotor. The flow field analysis under the condition
of rotor whirl is ignored. Furthermore, the result
from the simplified dynamic coefficients equation by
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Fig. 1. The framework of research and methods

duality is not accurate enough. Therefore, based on
the structure of the diaphragm seal, the computational
fluid dynamics software is applied to establish a three-
dimensional rotor whirl model. The mesh deformation
is used to simulate the real rotor whirl. The influences
of whirl frequency, rotational velocity, whirl radius
and pressure ratio on the steam flow excited vibration
are considered to solve the rotor dynamic coefficients.
At the same time, the rotor stability of steam turbine
is analysed. The structure of the paper and the relative
contents of sections are shown as Fig. 1.

1 NUMERICAL MODEL AND METHODS
1.1 Computational Model

Taking a second stage diaphragm seal in a high-
pressure cylinder of 300 MW steam turbine as an
example, the three-dimensional full-cycle rotor
whirl model is established. The unstructured grid is
generated by ANSYS ICEM, and the unsteady flow
field in seal is calculated with a FLUENT pressure
solver. The seal model is shown in Fig. 2. The cavity
depth, teeth thickness, convex plate height, and
seal tip clearance are represented by 4, ¢, [ and C,,
respectively. The specific structural parameters are
shown in Table 1.

Fig. 2. Schematic diagram of labyrinth seal structure

A single-frequency rotor whirl model is
constructed at one whirl velocity, as shown in Fig. 3.
Orbit 1 is an example of single-frequency rotor whirl
motion. The expression of motion in the forward
direction is as follows:
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)'c(t)=—erxcos(90+Q><t), (1)
y(1)=exQxsin(0, + Qx1), )

where e is the whirl radius of the rotor; Xx(¢) is the
velocity of the x direction; y(¢) is the velocity of the
y direction; Q is the whirl velocity; 6, is the initial
angle; ¢ is the time.

Table 1. Structural parameters of labyrinth seal

Name Value unit
Cavity depth, h 3.2 mm
Teeth thickness, t 0.4 mm
Convex plate height, | 2.4 mm
Seal tip clearance, Cr 1 mm
Rotor diameter 496.6 mm

backward

direction \ Orbit 1/ direction

Fig. 3. Schematic diagram of whirl motion

The multi-frequency rotor whirl model is obtained
from the improvement of single-frequency rotor whirl
model, as shown in Fig. 3. Orbit 2 is an example of
multi-frequency rotor whirl motion. The expression of
the forward direction is as follows:

x(1)=—-ex ) Q;xcos(6, +Q; xt), 3)
y(1)=ex D Q, xsin(0, +Q, x1), )

where i is the whirl velocity which has five values
(750, 1500, 2250, 3000, 3750) r/min.

1.2 Mesh Deformation Method

As the boundary profile of the model will be changed
by the whirl of rotor, the defined function is compiled
with a user-defined function (UDF) to command
the motion of boundary, and mesh deformation is
used to the computational domain. Thus, the three-
dimensional whirl motion of the rotor is achieved. The
main structure of UDF is shown in Fig. 4, in which

the control function of the rotor is DEFINE CG_
MOTION.

#include "udf.h"
#pragma comment(lib, "kernel32.1ib")//Invoking
function
#define PI 3.1415926
DEFINE CG_MOTION(rotor,dt,vel,omega,time,dtime)
{
real ***;//Parameters
NV_S(vel,=,0.0);
NV_S(omega,=,0.0);//Initialization
real ***;//Assignment
Formula calculation
Output

Fig. 4. Main structure of UDF program

The boundary parameters are derived from the
rated operating conditions of the unit. The pressure
boundary is applied to the inlet and outlet, the inlet
pressure is 10.7 MPa and the inlet temperature is
744.25 K, the outlet pressure is 10.263 MPa and the
outlet temperature is 734.25 K. The N-S equation
in labyrinth seal flow field is solved by the standard
k—e equation with the SIMPLE algorithm. Because
the mesh can be updated and reconstructed, the high
quality of the initial mesh and suitable mesh updating
are necessary. The initial mesh number under the
condition of static eccentricity is shown in Table 2.
There is no significant influence on the results when
the grid number reaches 5.4 million.

Table 2. Influence of mesh quantity on results

Mesh number(x104) F, F,
270 -11.1223 22.2852
300 -16.9572 17.9165
410 -13.7212 36.0879
540 -13.6620 36.2510
720 -13.6460 36.2544

Table 3. Specific parameters of “Remeshing” and dimension
function

ltems Value
Spring constant 1
Convergence tolerance 0.001
Number of iterations 20
Laplace node relaxation 1
Split factor 0.4
Collapse factor 0.2
Remeshing methods resolution 1
Remeshing Methods variation 0.1
Remeshing methods rate 0.7
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The remeshing method of grid updating and
dimension function are used; the specific parameters
are shown in Table 3. The grids at 0 s and 0.002 s are
shown in Fig. 5. Taking a grid element as an example,
when the rotor is whirling, rotor displacement appears
and the node K on rotor surface moves in the x
direction. It can be seen from Table 5 that the volume
difference of grids between 0 s and 0.002 s is small,
so the grids updated by mesh deformation still have
high quality.

Time=0.000 s

Time=0.0025 _ i

Fig. 5. Schematic diagram of mesh deformation

Table 4. Comparison of mesh deformation

Grid statistics t=0s 1=0.002 s
Minimum volume [m3] 3.3922¢-13 3.3882¢-13
Maximum volume [m3] 1.4430e-07 1.6809e-07
Total volume [m3] 9.3375¢e-04 9.3375¢e-04
Minimum face area [m?] 4.2743e-09 4.2743e-09
Maximum face area [m2] 8.0990e-05 8.0970e-05
80 900
—F_ ---F_(present results 50 Hz)
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Fig. 6. Variation of forces with time

In order to verify the accuracy of the model, a
single-frequency whirl model is simulated at 50 Hz.
The steam flow exciting forces in x and y directions
is shown in Fig. 6. Compared with the forces of
the honeycomb seal in literature [18], they have a
very similar variation trend. Therefore, the model
established in this paper is reliable.

1.3 Calculation Method of Rotor Dynamic Coefficients

The mathematical relation between the steam flow
exciting forces and rotor dynamic coefficients in the
labyrinth seal can be represented by the following
equation:

{Fxm}:{km kxy}{mecm cxy}{x(t)} )
F,(0) ke ky|ly®] [cn ¢, |l3@]

where F\(¢) and F\(¢) are the component forces in x
and y direction, as shown in Fig. 3. k,, and £k, are
the direct stiffness, £, and k,, are the cross-coupling
stiffness, ¢, and c,, are the direct damping, c,, and c,,
are the cross-coupling damping, x(f) and y(¢) are the
displacements in the x and y directions.

The rotor dynamic coefficients are solved
according to the solution in [22]. The matrix in Eq. (5)
is performed by Fast Fourier transform to obtain the
matrix in Eq. (6) in the frequency domain.

{—Fx} ) {km Fj0c, ky+ chxy}{dx} ©
-F, ky +jQc, k,+jQc, | d, |

In order to distinguish the forward and backward
motions, the forward whirl motion and backward
whirl motion are defined as a and b, respectively. For
each group of whirl motion, there is the following
matrix:

|:_Fax _F'bx:| |:kxx + chxx kxy + jQny :||:dax dbx:| (7)
—F, ~Fy, ||k +jQc, k,, +jQc, | d,, d, |

Therefore, the dynamic coefficients can be
expressed in the following equations. The real parts
and the imaginary parts in Egs. (8) to (11) are the rotor
dynamic coefficients.

(Fu)dy, = (=Fy )y

k iQc. =
o T daxdby_dbxday ’ (8)
k,, + jQc,, _(EFu)d, _(_Fbx)d“, ©9)
day dbx - dbydax
-F, )d —(-F,)d
S
daydbx _dbydax
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(_F}Lv )dax - (_Fay )dbx
dh dax - db d .

y x“ ay

kyy"erny = (11)

2 RESULTS AND ANALYSIS

Based on the multi-frequency whirl model and solution
method of dynamic coefficients, the influences of
whirl radius, whirl frequency, rotational velocity and
pressure ratio on rotor dynamic characteristics have
been researched. The quantitative relationship among

Displacement [mm)]
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3
o
T

L | —F, (0
50
0
-50
-100 | | \ )
0.00 0.05 0.10 0.15 0.20
a) Time [s]

them is also studied. Specific calculation parameters
are shown in Table 5.

Table 5. Calculation parameters

Name Value unit
Whirl frequency 12.5, 25, 37.5, 50, 62.5 Hz
Whirl radius 0.05, 0.075, 0.10 mm
Rotational velocity 750, 1500, 3000 r/min
Pressure ratio 1.04,1.06, 1.08 -

The displacements and steam flow exciting
forces of the rotor are calculated when the whirl

Displacement amplitude [l
o
o
[e5)
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N
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Fig. 7. Displacements and exciting forces under multi-frequency whirl motion; a) variation of displacements and exciting forces with time,
and b) variation of displacements and exciting forces with frequency

radius is 0.05 mm, the rotational velocity is 3000 r/
min, and the pressure ratio is 1.04, as shown in Fig. 7.
Both the displacements and steam flow exciting forces
have nonlinear variations in the time domain. The
variations of displacement and steam-exciting force in
the x direction are in good agreement, and also in the
y direction. Compared with the static eccentric model,
the mesh deformation has more practical significance
because it can realize actual whirl motion. In the
frequency domain, the displacement amplitudes
corresponding to whirl frequencies are high and the
amplitudes of steam flow exciting forces increase with
the increase of whirl frequency.
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The rotor dynamic coefficients are calculated in
three different whirl radiuses. The three whirl orbits
are shown in Fig. 8, and the influence of whirl radius
on rotor dynamic coefficients is shown in Fig. 9.

It can be seen that the rotor dynamic coefficients
present evident nonlinear variation in the multi-
frequency whirl motion. With the increase of whirl
frequency, the dynamic coefficients present an
increasing trend with fluctuation. When the whirl
radius grows, the direct stiffness, cross-coupling
stiffness, and cross-coupling damping in the xy
direction can hardly match themselves in the yx
direction. The direct damping increases with the
increase of whirl frequency. With the increase of whirl
radius, the direct stiffness, cross-coupling stiffness,
and cross-coupling damping change obviously
but without regularity. Furthermore, they have the
approximate trend of trigonometric function under the
large whirl radius. Comparing the direct stiffness 0.05
mm with 0.1 mm, it can be determined that the direct
stiffness increases with the increase of whirl radius,
while the direct damping is less affected by the whirl
radius. The duality of dynamic coefficients is used
in most studies to simplify the calculation equations,

namely, ki =k, c=Cpy, kg =k, ¢y =y In

this research, however, the duality is not applicable
to the dynamic coefficients except the direct
damping. Therefore, in the research of rotor dynamic
coefficients for a steam turbine, the results obtained
by the simplified equation based on the duality are not
accurate enough.

Fig. 10 shows the rotor dynamic coefficients
under different rotational velocity. The variation of
coefficients is similar to the above analysis, but the
rotational velocity also has a great influence on the
rotor dynamic coefficients. The dynamic coefficients
fluctuate considerably under different rotational
velocity when the whirl frequency is near 24.41 Hz.
It is shown in Fig. 10 that the rotational velocity has
a significant effect on the direct damping in the low-
frequency range and this effect decreases gradually
with the increase of frequency. The direct damping
decreases at exactly 24.41 Hz when the rotational
velocity is 1500 r/min. This is because the rotational
velocity and whirl velocity are both near the first
critical velocity, which makes the stability of rotor
decreased. The influence between the rotational
velocity and whirl velocity is significantly reduced
with the increase of whirl frequency, so the variation
of direct damping decreases gradually. The average
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Fig. 9. Dynamic coefficients under different whirl radii
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direct stiffness, cross-coupling stiffness, direct
damping and cross-coupling damping are listed in
Table 6, as well as their equations. It can be seen
that the rotational velocity of 1500 r/min has the
greatest impact on the rotor dynamic coefficients.
The maximum fluctuations of average dynamic
coefficients are 8.1 %, 113.2 %, 45.8 %, and 121.0 %,
respectively.

Fig. 11 shows the variation of rotor dynamic
coefficients in different pressure ratios between inlet
and outlet. The direct stiffness increases gradually
towards the negative direction with the increase of
pressure ratio, while the direct damping increases
towards the positive direction. The direct stiffness
and damping vary with pressure ratio in a hierarchical
distribution. According to the rotor dynamics analysis,

the increase of direct damping is conducive to the
stability of the rotor system and the direct damping
increases obviously with the increase of pressure
ratio. Therefore, the stability of the rotor system
can be improved by increasing the pressure ratio.
The variation of cross-coupling stiffness and cross-
coupling damping with the increase of pressure
ratio is not regular. A comparison of the 1.04 with
1.08 pressure ratio shows that the variation range of
cross-coupling stiffness and cross-coupling damping
increase as the pressure ratio increases.

The above research shows that the whirl
frequency, whirl radius, rotational velocity and
pressure ratio have considerable influence on the
rotor dynamic coefficients. The effective damping
coefficient Cy, can reflect the stability margin of the
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Fig. 10. Dynamic coefficients influenced by rotational velocity

Table 6. Fluctuations of average dynamic coefficients at whirl frequency 24.41 Hz

Name Calculation Rotational velocity Maximum
equation 750 r/min 1500 r/min 3000 r/min fluctuation [%]
Average direct stiffness [N/m] (ke T k)2 -250227 -238030 -248539 8.1
Average cross-coupling stiffness [N/m] (kyy * k)2 3877 -29329 -3531 113.2
Average direct damping [N-s/m] (e tC)2 257580 176607 248374 458
Average cross-coupling damping [N-s/m] (va + Cvx)/2 -1464 -25224 5289 121.0
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Fig.11. Influence of pressure ratio on dynamic coefficients

rotor system. Hence, Cy is used as the evaluation
index for the stability of the rotor, as defined below:

C,=It(F.z+F,3)dt[2ne* Q, (12)

on((ky —k.)=Q(c.+c,)) =1} (F.z+F,3)dt, (13)

where Q is whirl velocity. When Cz>0, the higher
value is, the more stable rotor system is. When C<0,
the smaller Cj is, the more possible that the rotor
system is unstable.

As shown in Fig. 12, the effective damping of
rotor increases with the increase of whirl frequency.
It increases slightly with the increase of whirl radius
and this trend is not obvious in low frequency
range until the whirl frequency exceeds 50 Hz. The
relationship between the rotational velocity and the
effective damping is shown in Fig. 12. It can be seen
that the effective damping of rotor decreases when
the rotational velocity is 1500 r/min, and the whirl
frequency is 24.41 Hz. When the whirl frequency
exceeds 35 Hz, the rotor stability at the 1500 r/min
rotational velocity is improved. This is because the
rotational velocity is equal to the whirl velocity, and
they are close to the first critical velocity, which leads

Dynamic Characteristics and Stability Prediction of Steam Turbine Rotor Based on Mesh Deformation

to the stability of the rotor being decreased. According
to the relationship between the pressure ratio and
effective damping, the effective damping increases
obviously with the increase of pressure ratio. It
indicates that the pressure ratio has a great influence
on the rotor stability, and a high pressure ratio is
beneficial to rotor stability.

In order to better understand the internal flow
characteristics, the flow field of the seal is analysed
under different factors. Fig. 13 shows the streamlines
and turbulent kinetic energy contours at the rotational
velocity of 750 r/min and 3000 r/min. The leakage
steam in seal presents an unsteady motion. The
distribution of turbulent kinetic energy in the seal has a
small variation with the increase of rotational velocity.
However, high turbulent kinetic energy appears at the
tip of the seal, which indicates that the kinetic energy
dissipation caused by throttling is the main mechanism
of the seal. At high rotational velocity, the leakage
steam has more severe vortex motion and generates
larger vortex at seal outlet. This is the result of leakage
steam carried by rotor surface. The circumferential
velocity of leakage steam increases with the_increase
of rotational velocity, which makes the vortex become
larger.
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Fig. 14 shows the three-dimensional distribution
of pressure on the rotor surface. It can be seen that
the pressure of rotor surface fluctuates violently as
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the eccentricity of the rotor, which is caused by the
unsteady flow of leakage steam. It is the main reason
for steam flow-excited vibration of the rotor. The
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maximum pressure fluctuation appears at model inlet
and outlet. Compared Fig. 14a and b, the fluctuation
range of outlet pressure under the high-pressure ratio
is wide, but the pressure distribution is relatively
uniform; meanwhile, the lower pressure causes the
smaller force on the rotor. At the same time, Fig. 12
shows that the effective damping of the rotor is larger
under the high-pressure ratio, so the rotor is relatively
stable.

3 CONCLUSIONS AND FUTURE OUTLOOK

The three-dimensional whirl motion is implemented
through mesh deformation. On this basis, the
influences of whirl radius, whirl frequency, rotational
velocity, and pressure ratio on the rotor dynamic
characteristics are obtained. The rotor stability
affected by steam flow excited vibration is analysed
and the mechanism of steam flow excited vibration is
clearly revealed through analysis of flow field. The
conclusions are as follows.

The rotor whirl motion using mesh deformation
is in good agreement with the actual situation. The
steam flow exciting forces and dynamic coefficients
in multi-frequency whirl motion show nonlinear
change and the steam flow exciting forces increase
with the increase of whirl frequency. The calculation
results obtained from the simplified equation based on
duality is not accurate enough.

The whirl radius, whirl frequency, rotational
velocity, and pressure ratio have great influence on
the rotor dynamic coefficients. The direct damping
increases with the increase of whirl frequency. The
range of direct stiffness, cross-coupling stiffness and
cross-coupling damping are increased at large whirl
radius. At the 24.41 Hz whirl frequency, the maximum
fluctuations of average direct stiffness, cross-coupling
stiffness, direct damping and cross-coupling damping
are 8.1 %, 113.2 %, 45.8 % and 121.0 % respectively.
The direct stiffness and direct damping increase with
the_increase of the pressure ratio.

The pressure fluctuation caused by eccentricity
is the main reason for steam flow excited vibration.
With the increase of rotational velocity, the turbulent
kinetic energy increases and the vortex motion is
more intense. The effective damping of the rotor
can adequately evaluate the rotor stability. The rotor
stability increases with the increase of whirl frequency
because the effective damping is improved. At a
high-pressure ratio, the fluctuation range of pressure
at seal outlet is wide, but the pressure distribution is
relatively symmetrical and uniform.

The dynamic characteristics and stability of a
300 MW steam turbine rotor influenced by steam
flow excited vibration are investigated. The nonlinear
dynamic characteristics of the seal are different for
steam parameters and seal structures, which is more
prominent for the ultra-supercritical units. However,
the existing whirl equation is unsuitable for large
diameter rotor (over 800 mm). An improved whirl
equation for ultra-supercritical units is necessary
to make large diameter rotor whirling. Meanwhile,
the nonlinear motion of rotor induced by steam flow
excited vibration is also worthy of further study.
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5 NOMENCLATURE

e  whirl radius of rotor, [m]

x(2) velocity in the x direction, [m/s]
y(t) velocity in the y direction, [m/s]

Q  Whirl velocity, [rad/s]

o Rotational velocity, [rad/s]

6y Initial angle, [rad]

t  Time, [s]

F Steam exciting force, [N]

k  Stiffness, [N/s]

¢ Damping, [N-s/m]

Cr Effective damping, [N-s/m]

x(#) Displacement in the x direction, [m]
¥(t) Displacement in the y direction, [m]
h  Cavity depth, [mm]

t, Teeth thickness, [mm]

T Temperature, [K]

! Convex plate height, [mm]

C, Seal tip clearance, [mm]

d Displacement in frequency domain, [mm]

Subscripts:
x  x direction in cartesian coordinates
v ydirection in cartesian coordinates
i five whirl velocities;

(750, 1500, 2250, 3000, 3750) r/min
xx from x to x direction in cartesian coordinates
yy from y to y direction in cartesian coordinates
xy from x to y direction in cartesian coordinates
yx from y to x direction in cartesian coordinates
a  forward whirl motion
b backward whirl motion
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